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R744 Gas Cooler Model Development and Validation

Abstract

A first principles-based model was developed for a transcritical CO2 gas cooler, using a finite
element method. The model uses published correlations for refrigerant and airside heat transfer
and pressure drop. Experimental results are presented at 48 operating conditions. The model
predicted the gas cooler capacity within 2% and pressure drop on the R744 side well within the
range of experimental error. The model’s usefulness is demonstrated by analyzing alternative
circuiting and multi-slab designs.

Introduction

Due to the global warming impact of HFC automobile air conditioning, much interest has been
focused on the transcritical R744 cycle (Pettersen et al. 1994). This cycle has been well known
for a long time and was revisited recently by Lorentzen and Pettersen (1993). The main
difference between the R744 transcritical cycle and the conventional reversed-Rankine cycle is
that the heat rejection process occurs at supercritical (>31° C) temperatures for most operating
conditions. An internal heat exchanger is used downstream of the gas cooler to achieve a lower
inlet quality to the evaporator and reduce the COP-maximizing operating pressure (Boewe, et al

1999a).

Recently the first detailed system performance comparisons were published by McEnaney et al.
(1999) after Pettersen (1994). In an extensive set of experiments, a conventional off-the-shelf
R134a system for a midsize car was compared to a prototype R744 system designed to have heat
exchangers of the same volume and air side pressure drop. Results showed the R744 system to
have slightly lower capacity and COP (few percent) at very high ambient temperatures (above
45°C) but much higher capacity and COP at lower ambient temperatures. The results also
showed that when the ambient temperature is close to R744 critical temperature, the optimized
high-side pressure is also reduced to a level close to R744 critical pressure, and the system COP
has a sharp maximum value for a given operating condition. This behavior is due to the
thermophysical property characteristics of R744 in the critical region. When the system operates
at a higher ambient temperature, the COP vs pressure curve tends to become flatter.

The gas cooler is important to the performance of the transcritical CO2 air conditioning system
for two reasons. First is the effect on system capacity which is maximized by rejecting heat to
the surroundings instead of the internal heat exchanger. The system capacity can be maximized
by reducing the refrigerant temperature at gas cooler exit to air inlet temperature. The internal
heat exchanger also increases capacity, but at the cost of higher compressor work caused by
suction gas heating. Therefore it is desirable to reject heat to the surroundings from the gas
cooler. Second, improving gas cooler performance is very important because it reduces the
COP-maximizing operating pressure, thus reducing compressor power.

The thermodynamic process in the gas cooler differs greatly from a condenser or ordinary gas-to-
gas heat exchanger. The operating pressures range from subcritical to 140bar; and
thermophysical properties vary strongly in the critical region, where specific heat approaches
infinity. Cycle COP is very sensitive to the gas cooler outlet state. Many published



thermodynamic analysis were based on assumptions, rather than calculations, about the
refrigerant temperature at the gas cooler exit (e.g. Robinson and Groll, 1998). In an actual cycle,
this temperature changes with different operating conditions, and a good design can bring it
closer to the ambient temperature.

This paper develops a model for analyzing the thermodynamic process in the gas cooler and
studying the effect of thermophysical property variations on gas cooler performance. The
simulations are then compared with a large and detailed set of experimental data.

Dimensions and characteristics of gas coolers

Figure 1 shows the gas cooler used in the experiments. It has three passes, consisting of 13, 11,
and 10 tubes each. R744 flow enters the gas cooler through an inlet elbow, proceeds through
three passes and exits through another exit elbow.

Figure 2 shows the cross-section of the microchannel tubes, and Table 1 gives the dimensions of
the gas cooler itself.

Experimental data

The experiments were carried out in the mobile a/c system test facility described in detail by
McEnaney (1998). The gas cooler was installed in a wind tunnel, which was located inside a
calorimetric chamber. Pressure transducers were installed before the inlet elbow and after the
exit elbow of the gas cooler. The temperatures of R744 at the gas cooler inlet and exit were
measured by two immersed thermocouples. Refrigerant mass flow rate through the gas cooler
was measured by using a Corolis type mass flow rate meter. The mass flow rate of air through
the gas cooler was measured by a standard ASHRAE nozzle (Boewe, et al. 1999b). Inlet air
temperature was measured by using a thermocouple grid, and air temperature after gas cooler
was measured by using thermocouple mounted on the throat of the nozzle, which was located

downstream of the mixer.

Data were recorded at 358 points clustered around 48 distinct indoor/outdoor operating
conditions. The clusters resulted from systematically varying inlet pressure to find the optimal
system COP. Table 2 shows one data point from each of 48 different operating conditions. The
data range from 77 to 144bar for pressure, 27 to 55°C for air inlet temperature, 19 to 56g/s for
the mass flow rate of supercritical CO2 and 450 to 710 g/s for air flow rate. The uncertainties for
pressure, temperature and mass flow rate measurement were about 50kPa, 1°C and 0.1%,
respectively. The resulting uncertainty for capacity measurement was about +5%.

Simulation model

A finite element approach was used in the modeling of the gas cooler. As shown in Figure 3,
each pass of the gas cooler is separated into 10 equal-length segments along the refrigerant flow
direction. Each segment is treated as a cross-flow heat exchanger whose outlet fluid parameters
are determined by the following energy balance equations. The model assumes no conduction
within and between tubes, and uniform air temperature and velocity entering to the gas cooler.



For a given segment j, the energy balance equation can be expressed as follows:
Air side:

Qj =majcpa (Tae,j _Tai) (1)

Refrigerant side:

0, =m{n(T, Py, ~h(T, P} o))

Heat transfer between air and surface:

Ts,j B Tae.j
Q;,=hnA,,|(T,,;~-T,)/In —Tu _T. (3)
Heat transfer between surface and refrigerant:
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For the supercritical R744, the heat transfer coefficient is calculated by using the Gnielinski
(1976) correlation:
(f/8)(Re,—1000)Pr
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which was found by Rieberer (1999) to be the best for single-phase R744 at supercritical and
subcritical conditions after comparing six correlations for smooth tube with 7.8mm inner
diameter. The correlations differed by less than 30% over a wide temperature range. The
difference between calculation from Gnielinski’s correlation and Rieberer's measurement was
negligible at mass flux (~500kg/m2s) and heat fluxes (~40kW/m?) typical of CO2 gas coolers.
The friction factor was calculated from Churchill (1977) correlation:

))16 + (M)m]—m }1/12 (6)
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which spans all flow regimes and all relative roughness (3). The absolute roughness for extruded
aluminum microchannel tubing is about 4.2um to 5.3um based on our actual measurement,
which is very close to the "typical" number of Sum (Memory, 1999), and this number will be
used in the pressure drop calculation.

The air-side heat transfer correlation selected for the model was proposed by Chang and Wang
(1997). It was selected because it covered the widest array of geometry’s and is one of the most
recently published louvered fin airside heat transfer coefficient correlations.



The Chang and Wang correlation was defined in terms of the dimensionless heat transfer
coefficient, the Colburn j-factor:
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The above correlation can be used in the Reynolds number range from 100 to 3000 based on the
louver pitch. The Reynolds number of our experimental data is from 160 to 250.

The surface efficiency is simply an area-weighted fin efficiency defined by:

A
m=1--5(-n,) ®)

The fin efficiency of longitudinal fin is:

_tanh(mL)  \here mL= [2 h FL
M7= mL kf‘sf 2

For our range of test conditions, the fin efficiency ranged between 0.89 to 0.91. The surface
efficiency for the refrigerant side was set equal to 1 because the circular ports were unfinned.
Resistance due to conduction through the tube material is assumed to be negligible.

The total refrigerant side pressure drop across the heat exchanger can be calculated by add the
pressure drop of each pass together. These pressure drops include friction and acceleration
(deceleration) in the tubes, local pressure drops in the elbows and headers.

For inlet and exit tubes, the pressure drop can be calculated from:

L G*
AP = D2p )

The friction factor f was calculated from Eq. 6. The inlet tube length (from transducer to inlet
elbow) and exit tube length were about 1.62m and 0.12m, respectively, and their inner diameters

were 6.3mm.

The local pressure drop for this 90° sharp elbow with constant cross-sectional area can be
calculated from local pressure loss equation

GZ
AP =§—27 (10)

Where { = 1.2 is the local pressure drop coefficient (Idelchik 1994). There are three 90° sharp
elbows in the inlet tube part and one in the exit tube part.



The local pressure drops for heat exchanger inlet/exit elbows with sudden cross-section area
changes can be expressed as:

G, :
Af)ie = 2 (Cinlel -l+o )
: (11)

G
APee = (Cexiu +1- 0-2)
2p

From the handbook (Idelchik, 1994), for similar elbows when Reynolds number is greater than
2x10°, the coefficient for inlet elbow (Ginier) is about 0.82, for exit elbow (exir) is about 0.45.

The pressure drops in the inlet and exit header tube due to free flow area changes and friction,
can be calculated from

G i G2 ..
AP = Z(flhdl D hd +klassxhd) : l + z(fehdt D hd +klossehd) e (]‘2)
= " 2p; ihd,i " - 2p ehd,i

There is no local pressure drop coefficient for our unique shape of header tube, so a nitrogen test
was conducted with a similar single-pass heat exchanger with identical headers, and the
coefficients were determined to be about Kjossing 0.25 for inlet header, and kjoss ing 0.68 for exit
header (Yin et al., 2000a).

The pressure drop for port inlet/exit part of each microchannel tube (tube N) can be treated as a
sudden contraction and expansion, and it can be calculated from

GZ GZ
AP = —pemN_ Do 14 E o7yt ehd, N Eopr —1+0?) (13)
in,N 2pout,N

Because it is difficult to define precisely the area ratio for this particular header/tube

configuration, the inlet contraction (§con) and exit expansion (Eexpan) coefficients were taken from
Idelchik’s handbook for the maximum area ratio (10:1). For the range of flow rates of the
experimental data, the values for the two coefficients are 0.45 and 0.81, respectively.

Because the model uses finite element method, the in-tube pressure drop for each port was also
calculated the 10 segments of each tube, accounting for friction and acceleration (deceleration).

tube,N i 1
AP = GZM[Z( we Juers —p,lm)} (14)

1 Do (Pign +Pin)  Pin

In order to simplify this part of the data analysis, uniform mass flow rate distribution was
assumed for each port and tube, and the pressure drop calculation followed the central tube in
each pass. The total pressure drop of each pass is the sum of the pressure drop in the inlet header
tube (half length), sudden contraction to middle tube, friction along this tube, exit expansion
from this tube and along the rest half length of the exit header tube.



The air side pressure drop was calculated by using the method described by Kays and London
(1998) using the Chang and Wang (1996) friction factor correlation.

f =0.805 Rezg.su (%)—0.72 (_?)—1.22 (%_)1.97 (15)
P P P

The given conditions for each segment are: air inlet temperature, airflow rate, refrigerant flow
rate and refrigerant inlet pressure and temperature. There are four unknowns in equations 1 to 4,
so the problem can be solved simultaneously for refrigerant exit pressure and temperature, gas
cooler capacity and air exit temperature.

The whole model was solved by using EES (Klein and Alvarado, 1995) and its thermophysical
property data, except for the properties of R744 which were obtained from the extended BWR
equation of state (National Institute of Standards and Technology REFPROP, 1998) because it
was known to be more accurate in the supercritical region than the equation used in the EES.

Model verification

Figures 4 to 6 compare the model predictions with the measured data. As shown on Figure 4 and
5, for most of the experimental data, the model predicts the capacity within +2% and exit
refrigerant temperature within £0.7°C, which is within the experimental error (2% and 1°C).
Figure 5 shows that the model systematically underpredicted the refrigerant pressure drop by
about a factor of three, except a few very low flow rates. Since the pressure drop was measured
by using two absolute pressure tranducers and each has an uncertainty of +52kPa (range:
20.7MPa, accuracy: 10.25% FS), the pressure drop measurements lower than about 70kPa lie
within the measurement error.

This model was based on the log mean temperature method, as shown in Equation 3 and 4,
because the e-NTU method (crossflow with both fluids unmixed) is accurate only for the case
where the heat capacity ratio is unity (Incropera and Dewitt, 1996). In the third pass of the gas
cooler, the heat capacity ratio is very small (about 0.01 to 0.2) when the fluid is near the critical

point.

Figure 6 presents the experimental and calculated refrigerant side pressure drop. The reason for
the serious underprediction (at high pressure drop range) of pressure drop cannot be known with
certainty. However considerable insight can be gained from a large number of nitrogen flow tests
conducted on a similar heat exchanger manufactured at the same time from the same batch of

tubes and identical headers (Yin et al., 2000a).

For a similar heat exchanger subjected to extensive nitrogen flow testing, Yin et al (2000a).
found the average port diameter to be 94% of nominal and that 39% of ports were blocked.
These estimates were confirmed by cutting the heat exchanger, measuring port diameters and
counting the number of ports blocked by brazing flux. Assuming that the same dimensional
changes occurred during fabrication of this particular gas cooler, the simulations were repeated
using the new dimensions. Figure 7 shows the result. After adjusting for manufacturing defects,
the model could predict the refrigerant side pressure drop with good agreement.



Since in-tube pressure drop is so sensitive to diameter and mass flux, uncertainties about the
manufacturing process may limit the accuracy of heat exchanger simulation models, especially in
the case of those having sub-millimeter port diameters. Fortunately the effect of pressure drop on
gas cooler capacity is rather small. Moreover, the accuracy of the model presented here suggests
that port diameter and the number of blocked ports could be estimated (using least squares
parameter estimation techniques) from nitrogen flow tests data obtained at only a few typical
Reynolds numbers, and used to predict the performance at other conditions.

Table 3 shows the distribution of the pressure drops for a given condition with mass flow rate of
54.8 gf/s. All the pressure drops are in kPa. The inlet tube and elbow part includes a 6.3mm
diameter copper tube 1.62m long, three 90° elbows and the heat exchanger inlet elbow. The exit
tube length is about 0.12m and with one additional 90° elbows. As shown in this table, the
predicted total pressure drop is about 407kPa, which is about 2% higher than the measured value.
About 75% of the pressure drop is due to the friction along the tube ports. The port contraction
and expansion account for about 5% of the total pressure drop.

For air side pressure drop, the model can predict the data within 10 Pa for the three different air
flow rates.

Application of the model

One of the many advantages of model is that it facilitates analysis of details of the
thermodynamic process. Figure 8 shows the temperature and specific heat distribution of R744
along the flow length of the gas cooler for the operating condition corresponding to the last row
of Table 2. For different operating conditions, the shape of the specific heat curve may be
different. With temperature and pressure close to critical, the specific heat value increases.
Comparing the air temperature at gas cooler inlet and refrigerant temperature (Tr) in Figure 8,
shows that the temperature difference between air and refrigerant in the second and third passes
are much smaller than in the first pass. Figure 9 shows how the heat transfer coefficient varies
substantially along the flow length, due mainly to the CO2 property changes rather than changes

in'Reynolds number.

In the transtical refrigeration cycle, the enthalpy at gas cooler exit is most important because it
translates directly into an increase in system capacity. In an ideal gas cooler, the refrigerant exit
temperature is equal to the air inlet temperature and the refrigerant side pressure drop is zero.
Figure 10 shows how refrigerant enthalpy changes along the flow length. The ideal exit
condition was also shown on the Figure. It is clear that the prototype gas cooler is far from ideal.

By increasing the number of passes, better heat transfer performance may be expected due to
higher refrigerant side heat transfer, but at the expense of increasing pressure drop. In order to
compare the different circuiting arrangements, the model was used to predict the performance of
the prototype, plus four hypothetical designs having different numbers of passes as shown in
Table 4. Figure 11 shows the exit enthalpy from gas cooler and pressure drop in the refrigerant
side. The results suggest that 3-pass gas cooler may be the best, but the difference between three
and five passes is very small. At the higher mass flow rates, the 4- and 5-pass heat exchangers
will experience much higher pressure drops.



Another way to improve the gas cooler performance is to use multiple slabs instead of multiple
passes. If using more slabs, the heat transfer process will be closer to an ideal counter flow heat
exchanger. Table 5 shows the simulation result for a three-slab gas cooler having the same
dimensions (height, width and depth), fin height, and fin density as the 3-pass prototype tested.
As shown in the table, the performance of multiple slab gas cooler is much better than multiple-
pass design. The approach temperature difference was reduced from 6.8°C to 4.3°C, AP was
reduced by a factor of 5.6. The enthalpy at the gas cooler exit was reduced, so the capacity was
increased by (303-287)x 0.0229, that is 0.3kW. This idea is described in Yin et al. (2000Db).

Conclusions

A finite element model for supercritical cross-flow gas cooler was developed, to model
accurately the variations in thermodynamic and transport properties near the critical point. It was
verified by data obtained in more than 350 experiments. The model can predict R744 exit
temperature from gas cooler within £0.7°C for most of the experimental data, given only the inlet
conditions. Different arrangements of the gas cooler within the original package dimensions
were simulated and it was found that the 3-pass gas cooler is the best the single-slab designs.
However using multiple slabs is the more effective way to improve the performance.
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Nomenclature

A area [m’]

Cp specific heat [kJ/kg.K]

D hydraulic diameter [m]

Dp pressure drop [kPa]

f friction factor

Fl fin length [mm]

Fd fin depth [mm]

Fp fin pitch [mm]

G mass velocity [kg/m’.s]

h heat transfer coefficient [W/m’.°C]
h specific enthalpy [kJ/kg]

J Colburn factor

k thermal conductivity [W/m®.°C]
Ll louver length [mm]

Lp louver pitch [mm]

m - mass flow rate [kg/s or g/s]

Nu Nusselt number



P pressure [kPa]

Pr Prandtl number
P Pressure ratio

Re Reynolds number
T temperature [°C]
Td tube depth [mm]
Tp tube pitch [mm]
Greek Letters

p density [kg/m’]

n efficiency

) thickness of fin [mm]
0 louver angle [deg]
- local pressure drop coefficient
c area ratio
Subscripts:

a air

r refrigerant

i inlet

id ideal case

ihd inlet header

j segment

e. exit

ehd exit header

f fin

s surface
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Table 1. Dimensions and characteristics of the gas cooler used for experimental validation of

the model.
Gas Cooler Characteristics

Mass (kg) 2.3
Face Area (cm®) 1950
Core Depth (cm) 1.65
Core Volume (cm’) 3320
Airside Area (m°) 5.2
Refrigerant Side Area (m°) 0.49
Fin Density (fins/in) 22
Louver Angle (°) 23
Tube Length (mm) 545
Number of Ports 11
Port Diameter (mm) 0.79
Web Thickness (mm) 0.70
Wall Thickness (mm) 0.43
Fin Height (mm) 8.89
Fin Thickness (mm) 0.10
Louver Height (mm) 7.16
Louver Pitch (mm) 0.99
Number of Louvers 2x6
Louver redirection Length (mm) 1.7
Louver entry Length (mm) 1.7
Header tube diameter (mm) 2@7
Inlet/exit elbow tube diameter (mm) 7
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Table 2  Gas cooler performance data

Iy Pri DPr Th Tre m, i
_g/s] [kPa] | [kPa] [°C] [°Cl] [gfs] [°C] [Pa]

34.74 | 11007 | 137.7 108.9 48.2 542 43.0 43

56.36 10792 | 421.6 138.6 50.2 701 43.5 61

39.98 12014 | 155.4 125.4 49.0 699 44.3 62

26.39 | 12464 62.7 115.8 58.0 457 55.1 45

37.84 10937 116.3 124.7 49.0 537 42.7 46

22.37 9556 60.9 97.9 45.8 453 43.1 39

27.12 | 10982 97.5 101.2 56.0 459 53.9 46

27.48 9333 99.0 91.0 45.5 452 43.0 39

31.49 8858 103.6 66.5 38.4 452 31.8 34

24.07 14390 254 113.3 454 452 43.0 40

22.08 10555 28.2 103.0 35.9 453 324 34

22.06 11392 37.2 114.8 46.8 437 43.4 38

25.17 8386 91.1 87.4 36.8 451 31.5 32

38.49 | 10278 | 197.9 118.9 484 537 43.3 47

19.6 12460 27.6 126.6 46.0 454 43.5 40

44.31 9061 3373 104.0 46.4 541 43.4 47

21.67 9514 24.0 102.0 36.9 451 324 34

23.56 9841 52.7 107.1 46.0 452 42.8 39

45.58 8587 344.3 101.7 45.0 536 42.7 46

24.68 8460 67.3 89.0 37.2 451 31.8 33

47.53 8677 389.9 97.8 45.1 535 42.7 46

25.92 9387 92.2 97.0 45.7 455 43.1 40

26.6 8435 78.0 81.3 37.2 453 32.2 34

25.98 | 10014 84.4 96.6 46.5 461 42.9 40

42.73 9713 2394 108.0 47.5 539 43.2 48

25.25 8328 66.2 84.4 36.8 453 324 34

25.11 9593 78.5 96.9 45.7 453 43.0 41

43.12 9200 286.9 105.4 46.3 539 42.9 47

26 8331 59.1 81.2 36.9 453 32.1 35

37.69 | 10259 | 166.0 120.9 48.6 540 43.7 49

22.83 9537 18.9 93.8 37.4 450 32.1 34

26.04 7659 73.8 78.2 325 454 26.8 32

25.45 8359 66.1 87.3 36.7 456 31.7 35

32.63 9242 145.0 83.3 45.5 455 43.3 38

26.06 9349 93.2 94.1 45.2 536 43.8 47

25.55 9385 85.3 95.4 44.9 710 43.6 66

24.72 7826 57.1 79.9 334 448 26.8 31

26.23 8204 81.9 82.3 36.4 449 324 34

20.78 9833 46.2 106.8 46.0 451 43.6 40

34.86 | 10735 | 168.9 129.8 48.7 540 43.7 48

32.91 9879 150.5 110.5 47.3 502 43.7 44

31.47 | 10315 127.9 116.0 48.3 501 44.1 45
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my Pri DPr Tn‘ Tre m, Tai DPa

[g/s] [kPa] [kPa] [°C] [°C] [g/s] [°C] [Pa]
29.95 10772 109.4 121.1 48.2 502 43.7 45
28.82 11251 92.8 125.8 48.1 501 43.6 45
27.94 11745 84.0 130.3 48.0 501 43.7 45
23.02 8303 29.6 83.3 33.1 455 26.7 29
22.90 8413 31.0 85.5 33.7 447 27.0 31

Table 3  Pressure drop along flow path [kPa]

Measured | Inlet tube | Inlet Contraction | Friction | Expansion | Exit Exit tube

and elbow | header header | and elbow

399 66 2 7 305 11 5 9

Table 4  Model prediction results for multiple pass gas coolers

Number of | Tube/pa | Ty hye DP | T4 hidear

passes SS

1 34 359 325 |4 27 | 269

2 17/17 344 (307 |20

3 13/11/10 | 33.8 | 303 | 56

4 10/9/8/7 |33.4 [301 | 121

5 8/7/7/6/ |33.2 | 302 |228

6

Table 5  Performance of three slab gas cooler

hl he hldeal Te Ti deal DP

(ki/kg) (KJ/kg) | (°C) | (C) (kPa)
: (kJ/kg)

498 287 269 31.3 |27 10
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Figure 1 Schematic of CO2 gas cooler
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Figure 3 CO2 gas cooler
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Figure 4. Experimental vs model predicted capacity
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Figure 5. Refrigerant exit temperatures

15



';‘ 500 L) I L) ] T ‘r L ' L]
= R i
= 400

~ i _
(=] L p
st

© 300} -
[-3]

o i 4
2 200

o i o o090°
g 7 o Q ’
= 100 | o i
iy i

&

%‘ 0 1 1 1 1 1 1 1 1
E 0 100 200 300 400 500

Measured pressure drop [kPa]

Figure 6. Accuracy of pressure drop calculation (no manufacturing defects)
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Figure 7. Refrigerant pressure drop (accounting for observed manufacturing defects)
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Figure 8. Temperature and specific heat along gas cooler flow length
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Figure 9. Reynolds number and heat transfer coefficient along gas cooler flow length
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Figure 10. Refrigerant enthalpy along heat exchanger flow length
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Figure 11. Effect of increasing number of passes
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